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Unit – III 

 

Selection & Design of bearings: Reynold's equation, stable and unstable operation, heat dissipation and thermal 

equilibrium, boundary lubrication, dimensionless numbers, Design of journal bearings, Rolling-element 

Bearings: Types of rolling contact bearing, bearing friction and power loss, bearing life; Radial, thrust & axial 

loads; Static & dynamic load capacities; Selection of ball and roller bearings; lubrication and sealing. 

 

Introduction 

A bearing is a machine element which supports another moving machine element (known as a journal). It 

permits a relative motion between the contact surfaces of the members while carrying the load. A little 

consideration will show that due to the relative motion between the contact surfaces, a certain amount of 

power is wasted in overcoming frictional resistance and if the rubbing surfaces are in direct contact, there will 

be rapid wear. In order to reduce frictional resistance and wear and in some cases to carry away the heat 

generated, a layer of fluid (known as a lubricant) may be provided. The lubricant used to separate the journal 

and bearing is usually a mineral oil refined from petroleum, but vegetable oils, silicone oils, greases etc., may be 

used. 

 

Reynold's equation: 

The theoretical analysis of hyd od a i  lu i atio  is t a ed to Os o e Re olds’s stud  of the la o ato  
investigation of railroad bearings in England by Beauchamp Tower during the early 1880s (Fig. 3.1). The oil hole 

was drilled to test the effect of adding an oiler at this point. The tower was surprised to discover that when the 

test device was operated without the oiler installed, oil flowed out of the hole! He tried to block this flow by 

pounding cork and wooden stoppers into the hole, but the hydrodynamic pressure forced them out. At this 

point, Tower connected a pressure gage to the oil hole and subsequently made experimental measurements of 

the oil film pressures at various locations. He then discovered that the summation of the local hydrodynamic 

pressure time differential projected bearing area was equal to the load supported by the bearing. 

 
Fig. 3.1 “ he ati  ep ese tatio  of Beau ha p To e ’s e pe i e t 

 

Re olds’s theo eti al a al sis led to his fu da e tal e uatio  of h d od a i  lu i atio . The follo i g 
derivation of the Reynolds equation applies to one-dimensional flow between flat plates. This analysis can also 

be applied to journal bearings because the journal radius is so large in comparison to oil film thickness. The 

assumed one-dimensional flow amounts to neglecting bearing side leakage and is approximately valid for 
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bearings with L/D ratios greater than about 1.5. The derivation begins with the equation for the equilibrium of 

forces in the x-direction acting on the fluid element shown in Fig. 

 
Fig. 3.2 

 

The pressure and viscous forces acting on an element of lubricant, for simplicity, only X components are 

shown 

pdy. dz + τ. d . dz – [p + (dp / dx) dx] dy. dz – [τ + δτ / δ  d ] d . dz = 0 (a) 

Above equation is Re old’s equation for one-dimensional flow. Summarizing the assumptions that were made: 

The fluid is Newtonian, incompressible, of constant viscosity, and experiences no inertial or gravitational forces; 

the fluid experiences laminar flow, with no slip at the boundary surfaces; the film is so thin that (1) it experiences 

negligible pressure variation over its thickness, and (2) the journal radius can be considered infinite in 

comparison. 

d / dx (h3 / μ. dp / dx) = 6U dh / dx      …. i  

When fluid flow in the z-direction is included (i.e., axial flow and end leakage), a similar development gives the 

Reynolds equation for two-dimensional flow: 

δ / δ  h3 / μ. δp / δ  + δ / δz h3 / μ. δp / δz  = U δh / δ    …. ii  

Modern bearings tend to be shorter than those used a few decades ago. Ratios of length to diameter (L/D) are 

commonly in the range of 0.25 to 0.75. This results in the flow in the z-direction (and the end leakage) being a 

major portion of the total. For these short bearings, Ocvirk proposed neglecting the x term in the Reynolds 

equation, giving 

δ / δz h3 / μ. δp / δz  = U δh / δ       …. iii  

Unlike Equations (i), and (ii), Eq. (iii) can be readily integrated and thus used for design and analysis purposes. 

The p o edu e is o o l  k o  as O i k’s short bearing approximation. 

 

Heat dissipation and thermal equilibrium:  

The heat generated in a bearing is due to the fluid friction and friction of the parts having relative motion. 

Mathematically, heat generated in a bearing, 

Qg = μ. W. V N-m/s or J/s or watts  

Whe e μ = Coeffi ie t of f i tio , 
W = Load on the bearing in N, 

= Pressure on the bearing in N/mm2 × Projected area of the bearing in mm2 = p (l × d), 
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V = Ru i g elo it  i  /s = π d N/ , d is i  ete s, a d 

N = Speed of the journal in r.p.m. 

After the thermal equilibrium has been reached, heat will be dissipated at the outer surface of the bearing at 

the same rate at which it is generated in the oil film. The amount of heat dissipated will depend upon the 

temperature difference, size, and mass of the radiating surface and on the amount of air flowing around the 

bearing. However, for the convenience in bearing design, the actual heat dissipating area may be expressed in 

terms of the projected area of the journal. 

Heat dissipated by the bearing, 

Qd = C. A (tb – ta) J/s or W     (1 J/s = 1 W) 

Where C = Heat dissipation coefficient in W/m2/°C, 

A = Projected area of the bearing in m2 = l × d, 

tb = Temperature of the bearing surface in °C, and 

ta = Temperature of the surrounding air in °C. 

The value of C has been determined experimentally by O. Lasche. The values depend on the type of bearing, its 

ventilation and the temperature difference. The average values of C (in W/m2/°C), for journal bearings, may be 

taken as follows: 

For unventilated bearings (Still air) 

= 140 to 420 W/m2/°C 

For well-ventilated bearings 

= 490 to 1400 W/m2/°C 

It has been shown by experiments that the temperature of the bearing (tb) is approximately mid-way between 

the temperature of the oil film (t0) and the temperature of the outside air (ta). In other words, 

tb – ta = ½ (t0 – ta) 

 

Types of Lubrication: 

Lubrication is commonly classified according to the degree with which the lubricant separates the sliding 

surfaces. Fig. 3.3 illustrates three basic cases. 

1. In hydrodynamic lubrication, the surfaces are completely separated by the lubricant film. The load tending to 

bring the surfaces together is supported entirely by fluid pressure generated by the relative motion of the 

surfaces (as journal rotation). Surface wear does not occur, and friction losses originate only within the lubricant 

film. Typical film thicknesses at the thinnest point (designated h0) are 0.008 to 0.020 mm (0.0003 to 0.0008 in.). 

Typical values of coefficient of friction (f) are 0.002 to 0.010. 

     
(a) Hydrodynamic Lubrication   (b) Mixed-Film Lubrication   (c) Boundary 

Lubrication 

Fig. 3.3 

 

2. In mixed-film lubrication, the surface peaks are intermittently in contact, and there is partial hydrodynamic 

support. With proper design, surface wear can be mild. Coefficients of friction commonly range from 0.004 to 

0.10. 
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3. In boundary lubrication, surface contact is continuous and extensive, but the lubricant is continuously 

s ea ed  o e  the su fa es a d p o ides a o ti uousl  e e ed adso ed su fa e film that reduces friction 

and wears. Typical values of f are 0.05 to 0.20. 

The most desirable type of lubrication is obviously hydrodynamic, and this is treated in more detail beginning 

with the next section. 

Complete surface separation (as in Figure 3.3 (a)) can also be achieved by hydrostatic lubrication. A highly 

pressurized fluid such as air, oil, or water is introduced into the load-bearing area. Since the fluid is pressurized 

by external means, full surface separation can be obtained whether or not there is relative motion between the 

surfaces. The principal advantage is extremely low friction at all times, including during starting and low-speed 

operation. Disadvantages are the cost, complication, and bulk of the external source of fluid pressurization. 

Hydrostatic lubrication is used only for specialized applications. 

 

 

 

 

Boundary lubrication: 

"Boundary lubrication is lubrication by a liquid under conditions where the solid surfaces are so close together 

that appreciable contact between opposing asperities is possible. The friction and wear in boundary lubrication 

are determined predominantly by the interaction between the solids and between the solids and the liquid. The 

bulk flow properties of the liquid play little or no part in the friction and wear behavior. " 

Characteristics required for Thin Film Lubrication: 

1. Required long chain molecules, with an active end group, which by attaching itself to the solid surface builds 

a surface layer. A number of layers reduces lubrication in friction coefficient. 

2. It should be dissolvable in mineral/lubricating oils.  

3. Temperature stability: It is important because the increase in operating temperature may cause a reduction 

in a molecular attraction that may lead to detachment of boundary additives from surface. 

In sliding contact under air or water, the protective oxide is torn away, exposing the pure metal of both surfaces. 

These may be weld together before oxygen can reform the protective layer. Therefore, boundary lubricants are 

required when metals are covered with a natural protective layer of oxide. 

Dimensionless numbers: 

The coefficient of friction in the design of bearings is of great importance because it affords a means for 

determining the loss of power due to bearing friction. It has been shown by experiments that the coefficient of 

friction for a full lubricated journal bearing is a function of three variables, i.e. 

(i) ZN/p 

(ii) d/c and  

(iii) l/d 

Therefore the coefficient of friction may be expressed as 

μ = φ [)N/p, d/ , l/d] 
Whe e μ = Coeffi ie t of f i tio , 
φ = A fu tio al elatio ship, 
Z = Absolute viscosity of the lubricant, in kg / m-s, 

N = Speed of the journal in r.p.m., 

p = Bearing pressure on the projected bearing area in N/mm2, 

= Load on the journal ÷ l × d 
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d = Diameter of the journal, 

l = Length of the bearing, and 

c = Diametral clearance. 

The factor ZN / p will be termed as bearing characteristic number and is a dimensionless number. The variation 

of coefficient of friction with the operating values of bearing characteristic number (ZN / p) as obtained by 

McKee brothers (S.A. McKee and T.R. McKee) in an actual test of friction is shown in Fig. 3.4. The factor ZN/p 

helps to predict the performance of a bearing. 

The part of the curve PQ represents the region of thick film lubrication. Between Q and R, the viscosity (Z) or 

the speed (N) is so low, or the pressure (p) is so great that their combination ZN / p will reduce the film thickness 

so that partial metal to metal contact will result. The thin film or boundary lubrication or imperfect lubrication 

-exists between R and S on the curve. This is the region where the viscosity of the lubricant ceases to be a 

measure of friction characteristics but the oiliness of the lubricant is effective in preventing complete metal to 

metal contact and seizure of the parts. 

It may be noted that the part PQ of the curve represents stable operating conditions since, from any point of 

stability, a decrease i  is osit  )  ill edu e )N / p. This ill esult i  a de ease i  oeffi ie t of f i tio  μ  
followed by a lowering of bearing temperature that will raise the viscosity (Z). 

From Fig., we see that the minimum amount of friction occurs at A and at this point the value of ZN / p is known 

as bearing modulus which is denoted by K. The bearing should not be operated at this value of bearing modulus, 

because a slight decrease in speed or slight increase in pressure will break the oil film and make the journal to 

operate with metal to metal contact. This will result in high friction, wear, and heating. In order to prevent such 

conditions, the bearing should be designed for a value of ZN / p at least three times the minimum value of 

bearing modulus (K). If the bearing is subjected to large fluctuations of load and heavy impacts, the value of ZN 

/ p = 15 K may be used. 

From above, it is concluded that when the value of ZN / p is greater than K, then the bearing will operate with 

thick film lubrication or under hydrodynamic conditions. On the other hand, when the value of ZN / p is less 

than K, then the oil film will rupture and there is a metal to metal contact. 

 
Fig. 3.4 Variation of coefficient of friction with ZN/p 

 

Coefficient of Friction for Journal Bearings 
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In order to determine the coefficient of friction for well-lubricated full journal bearings, the following empirical 

relation established by McKee based on the experimental data may be used. 

Coefficient of friction, 

μ = / 8 (ZN/p) (d/c) + k    ... (when Z is in kg / m-s and p is in N / mm2) 

Where Z, N, p, d, and c have usual meanings as discussed in the previously, and 

k = Factor to correct for end leakage. 

It depends upon the ratio of length to the diameter of the bearing (i.e. l/d). 

= 0.002 for l / d ratios of 0.75 to 2.8. 

 

Critical Pressure of the Journal Bearing 

The pressure at which the oil film breaks down so that metal to metal contact begins is known as critical pressure 

or the minimum operating pressure of the bearing. It may be obtained by the following empirical relation, i.e. 

Critical pressure or minimum operating pressure, 

p = (ZN /4.75 x 106) (d / c)2 x [l / (d + l)]  ...(when Z is in kg / m-s) 

 

Design of journal bearings: 

Sommerfeld Number 

The Sommerfeld number is also a dimensionless parameter used extensively in the design of journal bearings. 

Mathematically, 

Sommerfeld number = (ZN / p) (d / c) 2 

For design purposes, its value is taken as follows: 

(ZN / p) (d / c) 2 = 14.3 x 106    ... (when Z is in kg / m-s and p is in N / mm2) 

 

Design Procedure for Journal Bearing 

The following procedure may be adopted in designing journal bearings, when the bearing load, the diameter 

and the speed of the shaft are known. 

1. Determine the bearing length by choosing a ratio of l / d from the table. 

2. Check the bearing pressure, p = W / l. d from the table for probable satisfactory value. 

3. Assume a lubricant from the table and its operating temperature (t0). This temperature should be between 

26.5°C and 60°C with 82°C as a maximum for high-temperature installations such as steam turbines. 

4. Determine the operating value of ZN / p for the assumed bearing temperature and check this value with 

corresponding values in the table, to determine the possibility of maintaining fluid film operation. 

5. Assume a clearance ratio c / d from the table. 

. Dete i e the oeffi ie t of f i tio  μ . 
7. Determine the heat generated. 

8. Determine the heat dissipated. 

9. Determine the thermal equilibrium to see that the heat dissipated becomes at least equal to the heat 

generated. In case the heat generated is more than the heat dissipated then either the bearing is redesigned or 

it is artificially cooled by water. 

 

Rolling-element Bearings:  

In rolling contact bearings, the contact between the bearing surfaces is rolling instead of sliding as in sliding 

contact bearings. We have already discussed that the ordinary sliding bearing starts from rest with practically 

metal-to-metal contact and has a high coefficient of friction. It is an outstanding advantage of a rolling contact 
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bearing over a sliding bearing that it has a low starting friction. Due to this low friction offered by rolling contact 

bearings, these are called anti-friction bearings. 

 

Advantages and Disadvantages of Rolling Contact Bearings over Sliding Contact Bearings 

The following are some advantages and disadvantages of rolling contact bearings over sliding contact bearings. 

Advantages 

1. Low starting and running friction except at very high speeds. 

2. Ability to withstand momentary shock loads. 

3. The accuracy of shaft alignment. 

4. Low cost of maintenance, as no lubrication is required while in service. 

5. Small overall dimensions. 

6. Reliability of service. 

7. Easy to mount and erect. 

8. Cleanliness. 

Disadvantages 

1. More noisy at very high speeds. 

2. Low resistance to shock loading. 

3. More initial cost. 

4. Design of bearing housing complicated. 

 

Types of rolling contact bearing: 

Following are the two types of rolling contact bearings: 

1. Ball bearings; and 2. Roller bearings 

 
(a) Ball Bearing   (b) Roller Bearing 

Fig. 3.5 Ball and roller bearings 

 

The ball and roller bearings consist of an inner race which is mounted on the shaft or journal and an outer race 

which is carried by the housing or casing. In between the inner and outer race, there are balls or rollers as shown 

in Fig. 3.5. A number of balls or rollers are used and these are held at proper distances by retainers so that they 

do not touch each other. The retainers are thin strips and are usually in two parts which are assembled after the 

balls have been properly spaced. The ball bearings are used for light loads and the roller bearings are used for 

heavier loads. 

The rolling contact bearings, depending upon the load to be carried, are classified as: 

(a) Radial bearings, and (b) Thrust bearings. 

Downloaded from  be.rgpvnotes.in

Page no: 7 Follow us on facebook to get real-time updates from RGPV

https://be.rgpvnotes.in
https://www.facebook.com/rgpvnotes.in
https://be.rgpvnotes.in


    
(a) Radial Bearing    (b) Thrust Bearing 

Fig. 3.6 Radial and thrust ball bearings 

 

The radial and thrust ball bearings are shown in Fig. 3.6 (a) and 3.6 (b) respectively. When a ball bearing supports 

only a radial load (WR), the plane of rotation of the ball is normal to the center line of the bearing, as shown in 

Fig. 3.6 (a). The action of thrust load (WA) is to shift the plane of rotation of the balls, as shown in Fig. 3.6. The 

radial and thrust loads both may be carried simultaneously. 

 

Types of Radial Ball Bearings 

Following are the various types of radial ball bearings: 

1. Single row deep groove bearing. A single row deep groove bearing is shown in Fig. 3.7. During assembly of 

this bearing, the races are offset and the maximum number of balls are placed between the races. The races are 

then centered and the balls are symmetrically located by the use of a retainer or cage. The deep groove ball 

bearings are used due to their high load carrying capacity and suitability for high running speeds. The load 

carrying capacity of a ball bearing is related to the size and number of the balls. 

 
Fig. 3.7 Single Row Deep-Groove Bearing 

 

2. Filling notch bearing. A filling notch bearing is shown in Fig. 3.8. These bearings have notches in the inner and 

outer races which permit more balls to be inserted than in deep groove ball bearings. The notches do not extend 

to the bottom of the raceway and therefore the balls inserted through the notches must be forced in position. 

Since this type of bearing contains a larger number of balls than a corresponding un-notched one, therefore it 

has a larger bearing load capacity. 

 
Fig. 3.8 Filling Notch Bearing 

 

3. Angular contact bearing. An angular contact bearing is shown in Fig. 3.9. These bearings have one side of the 

outer race cut away to permit the insertion of more balls than in a deep groove bearing but without having a 

notch cut into both races. This permits the bearing to carry a relatively large axial load in one direction while 

Downloaded from  be.rgpvnotes.in

Page no: 8 Follow us on facebook to get real-time updates from RGPV

https://be.rgpvnotes.in
https://www.facebook.com/rgpvnotes.in
https://be.rgpvnotes.in


also carrying a relatively large radial load. The angular contact bearings are usually used in pairs so that thrust 

loads may be carried in either direction. 

 
Fig. 3.9 Angular Contact Bearing 

 

4. Double row bearing. A double row bearing is shown in Fig. 3.10. These bearings may be made with radial or 

angular contact between the balls and races. The double row bearing is appreciably narrower than two single 

row bearings. The load capacity of such bearings is slightly less than twice that of a single row bearing. 

 
Fig. 3.10 Double Row Bearing 

 

5. Self-aligning bearing. A self-aligning bearing is shown in Fig. 3.11. These bearings permit shaft deflections 

within 2-3 degrees. It may be noted that normal clearance in a ball bearing is too small to accommodate any 

appreciable misalignment of the shaft relative to the housing. If the unit is assembled with shaft misalignment 

present, then the bearing will be subjected to a load that may be in excess of the design value and premature 

failure may occur. Following are the two types of self-aligning bearings: 

(a) Externally self-aligning bearing, and (b) Internally self-aligning bearing 

 
Fig. 3.11 Self-aligning Bearing 

 

In an externally self-aligning bearing, the outside diameter of the outer race is ground to a spherical surface 

which fits in a mating spherical surface in housing, as shown in Fig. 3.11. In case of internally self-aligning 

bearing, the inner surface of the outer race is ground to a spherical surface. Consequently, the outer race may 

be displaced through a small angle without interfering with the normal operation of the bearing. The internally 

self-aligning ball bearing is interchangeable with other ball bearings. 

 

Thrust Ball Bearings 

The thrust ball bearings are used for carrying thrust loads exclusively and at speeds below 2000 r.p.m. At high 

speeds, centrifugal force causes the balls to be forced out of the races. Therefore at high speeds, it is 

recommended that angular contact ball bearings should be used in place of thrust ball bearings. 
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(a) Single Direction Thrust Ball Bearing   (b) Double Direction Thrust Ball Bearing 

Fig. 3.12 Thrust ball bearing 

 

A thrust ball bearing may be a single direction, flat face as shown in Fig. 3.12 (a) or a double direction with a flat 

face as shown in Fig. 3.12 (b). 

 

Types of Roller Bearings 

Following are the principal types of roller bearings: 

1. Cylindrical roller bearings. A cylindrical roller bearing is shown in Fig. 3.13. These bearings have short rollers 

guided in a cage. These bearings are relatively rigid against the radial motion and have the lowest coefficient of 

friction of any form of heavy duty rolling-contact bearings. Such types of bearings are used in high-speed service. 

 
Fig. 3.13 Cylinder Roller Bearing 

 

2. Spherical roller bearings. A spherical roller bearing is shown in Fig. 3.14. These bearings are self-aligning 

bearings. The self-aligning feature is achieved by grinding one of the races in the form of a sphere. These 

bearings can normally tolerate angular misalignment in the order of ± 1½°and when used with a double row of 

rollers, these can carry thrust loads in either direction. 

 
Fig. 3.14 Spherical Roller Bearing 

 

3. Needle roller bearings. A needle roller bearing is shown in Fig. 3.15. These bearings are relatively slender and 

completely fill the space so that neither a cage nor a retainer is needed. These bearings are used when heavy 
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loads are to be carried with an oscillatory motion, e.g. piston pin bearings in heavy-duty diesel engines, where 

the reversal of motion tends to keep the rollers in correct alignment. 

 
Fig. 3.15 Needle Roller Bearing 

 

4. Tapered roller bearings. A tapered roller bearing is shown in Fig. 3.16. The rollers and raceways of these 

bearings are truncated cones whose elements intersect at a common point. Such type of bearings can carry both 

radial and thrust loads. These bearings are available in various combinations as double row bearings and with 

different cone angles for use with different relative magnitudes of radial and thrust loads. 

 
Fig. 3.16 Tapered Roller Bearing 

 

Bearing friction and power loss: 

 
Fig. 3.17 U loaded jou al ea i g used fo  Pet off’s a al sis 

 

The original analysis of viscous friction drag in what is now known as a hydrodynamic bearing (above Fig. 3.17) 

is edited to Pet  off a d as pu lished i  . It applies to the si plified ideal  ase of o e e t i it  
et ee  ea i g a d jou al, a d he e, o edgi g a tio  a d o a ilit  of the oil film to support a load, 

and no lubricant flow in the axial direction. 
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δ = Fh/AG    F = Fh/Aμ 

Where G = Shear Modulus    Whe e μ = A solute Vis osit  

Fig. 3.18 Analogy between shear modulus of elasticity (of a solid) and viscosity (of a fluid) 

 

With reference to above Fig. 3.18 (c), an expression for viscous friction drag torque is derived by considering the 

e ti e li d i al oil fil  as the li uid lo k  a ted upo   fo e F. “ol i g the e uatio  gi e  i  the figu e fo  
F gives 

F = μ A U/h 

Where 

F = friction torque/shaft radius = T f /R 

A = 2pRL 

U = 2pRn (where n is in revolutions per second) 

h = c   where, c = radial clearance = (bearing diameter – shaft diameter) b/2 

Substituting and solving for friction torque gives 

Tf = π μ. . L. R3 / c 

If a small radial load W is applied to the shaft, the frictional drag force can be considered equal to the product 

fW, with friction torque expressed as 

Tf = f W R = f (DLP) R 

Where P is the radial load per unit of projected bearing area. The imposition of load W will, of course, cause the 

shaft to become somewhat eccentric in the bearing. If the effect of this on Eq. b can be considered negligible, 

Eq. b, and c can be equated to give 

f = π  μ /p  R/  

This is the well-known Petroff equation. It provides a quick and simple means of obtaining reasonable estimates 

of oeffi ie ts of f i tio  of lightl  loaded ea i gs. Note that Pet off’s e uatio  ide tifies t o e  i po ta t 
ea i g pa a ete s. The sig ifi a e of μ /p a d the atio R/  is o  the o de  of 500 to 1000 and is the inverse 

of the clearance ratio. 

 

Bearing life: 

The life of an individual ball (or roller) bearing may be defined as the number of revolutions (or hours at some 

given constant speed) which the bearing runs before the first evidence of fatigue develops in the material of 

one of the rings or any of the rolling elements. 
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The rating life of a group of apparently identical ball or roller bearings is defined as the number of revolutions 

(or hours at some given constant speed) that 90 percent of a group of bearings will complete or exceed before 

the first evidence of fatigue develops (i.e. only 10 percent of a group of bearings fail due to fatigue). 

The term minimum life is also used to denote the rating life. It has been found that the life which 50 percent of 

a group of bearings will complete or exceed is approximately 5 times the life which 90 percent of the bearings 

will complete or exceed. In other words, we may say that the average life of a bearing is 5 times the rating life 

(or minimum life). It may be noted that the longest life of a single bearing is seldom longer than the 4 times the 

average life and the maximum life of a single bearing is about 30 to 50 times the minimum life. 

 

Static load capacities: 

Basic Static Load Rating of Rolling Contact Bearings 

The load carried by a non-rotating bearing is called a static load. The basic static load rating is defined as the 

static radial load (in case of radial ball or roller bearings) or axial load (in case of thrust ball or roller bearings) 

which corresponds to a total permanent deformation of the ball (or roller) and race, at the most heavily stressed 

contact, equal to 0.0001 times the ball (or roller) diameter.  

In single row angular contact ball bearings, the basic static load relates to the radial component of the load, 

which causes a purely radial displacement of the bearing rings in relation to each other. 

According to IS: 3823–1984, the basic static load rating (C0) in Newton for the ball and roller bearings may be 

obtained as discussed below: 

1. For radial ball bearings, the basic static radial load rating (C0) is given by  

C0 = f0.i.Z.D2 os α 

Where i = Number of rows of balls in any one bearing, 

Z = Number of ball per row, 

D = Diameter of balls, in mm, 

α = No i al a gle of o ta t i.e. the o i al a gle et ee  the li e of a tio  of the all load a d a pla e 
perpendicular to the axis of bearing, and 

f0 = A factor depending upon the type of bearing. 

The value of factor (f0) for bearings made of hardened steel is taken as follows: 

f0 = 3.33, for self-aligning ball bearings 

= 12.3, for radial contact and angular contact groove ball bearings. 

2. For radial roller bearings, the basic static radial load rating is given by 

C0 = f0.i.Z.le.D os α 

Where i = Number of rows of rollers in the bearing, 

Z = Number of rollers per row, 

le = Effective length of contact between one roller and that ring (or washer) 

Where the contact is the shortest (in mm). It is equal to the overall length of roller minus roller chamfers or 

grinding undercuts, 

D = Diameter of the roller in mm. It is the mean diameter in case of tapered rollers, 

α = No i al a gle of o ta t. It is the angle between the line of action of the roller resultant load and a plane 

perpendicular to the axis of the bearing, and 

f0 = 21.6, for bearings made of hardened steel. 

3. For thrust ball bearings, the basic static axial load rating is given by 

C0 = f0.Z.D2 si  α 

Where Z = Number of balls carrying thrust in one direction, and 
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f0 = 49, for bearings made of hardened steel. 

4. For thrust roller bearings, the basic static axial load rating is given by 

C0 = f0.Z.le.D.si  α 

Where Z = Number of rollers carrying thrust in one direction, and 

f0 = 98.1, for bearings made of hardened steel. 

 

Static Equivalent Load for Rolling Contact Bearings 

The static equivalent load may be defined as the static radial load (in case of radial ball or roller bearings) or 

axial load (in case of thrust ball or roller bearings) which, if applied, would cause the same total permanent 

deformation at the most heavily stressed ball (or roller) and race contact as that which occurs under the actual 

conditions of loading. 

The static equivalent radial load (W0R) for radial or roller bearings under combined radial and axial or thrust 

loads is given by the greater magnitude of those obtained by the following two equations, i.e. 

1. W0R = X0.WR + Y0.WA; and 2. W0R = WR 

Where WR = Radial load, 

WA = Axial or thrust load, 

X0 = Radial load factor, and 

Y0 = Axial or thrust load factor. 

According to IS: 3824 – 1984, the values of X0 and Y0 for different bearings are given in the following table: 

 

S. No. Type of Bearing 
Single Row Bearing Double Row Bearing 

X0 Y0 X0 Y0 

01. Radial contact groove ball bearings 0.60 0.50 0.60 0.50 

02. 
Self-aligning ball or roller bearings and tapered 

roller bearing 
0.50 .  ot θ 1 .  ot θ 

03. 

Angular contact groove bearings:     

α = ° 0.50 0.46 1 0.92 

α = 20° 0.50 0.42 1 0.84 

α = ° 0.50 0.38 1 0.76 

α = ° 0.50 0.33 1 0.66 

α = ° 0.50 0.29 1 0.58 

α = ° 0.50 0.26 1 0.52 

α = ° 0.50 0.22 1 0.44 

 

Dynamic load capacities: 

Basic Dynamic Load Rating of Rolling Contact Bearings 

The basic dynamic load rating is defined as the constant stationary radial load (in case of radial ball or roller 

bearings) or constant axial load (in case of thrust ball or roller bearings) which a group of apparently identical 

bearings with stationary outer ring can endure for a rating life of one million revolutions (which is equivalent to 

500 hours of operation at 33.3 r.p.m.) with only 10 percent failure. 

The basic dynamic load rating (C) in Newton for the ball and roller bearings may be obtained as discussed below 

: 
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1. According to IS: 3824 (Part 1)– 1983, the basic dynamic radial load rating for radial and angular contact ball 

bearings, except the filling slot type, with balls not larger than 25.4 mm in diameter, is given by 

C = fc (i os α  0.7 Z2/3. D1.8 

And for balls larger than 25.4 mm in diameter, 

C = 3.647 fc (i os α  0.7 Z 2/3. D1.4 

Where fc = A factor, depending upon the geometry of the bearing components, the accuracy of manufacture 

and the material used. 

2. According to IS: 3824 (Part 2)–1983, the basic dynamic radial load rating for radial roller bearings is given by 

C = fc (i.le os α  7/9 Z3/4. D29/27 

3. According to IS: 3824 (Part 3)–1983, the basic dynamic axial load rating for single row, single or double 

direction thrust ball bearings is given as follows: 

(a) Fo  alls ot la ge  tha  .   i  dia ete  a d α = º, 
C = fc . Z2/3. D1.8 

(b) Fo  alls ot la ge  tha  .   i  dia ete  a d α ≠ º, 
C = fc os α  0.7 ta  α. Z2/3 . D1.8 

(c) For balls larger than 25.4 mm in diameter and α = º 

C = 3.647 fc . Z2/3. D1.4 

(d) Fo  alls la ge  tha  .   i  dia ete  a d α ≠ º, 
C = 3.647 fc os α  0.7 ta  α. Z2/3. D1.4 

4. According to IS: 3824 (Part 4)–1983, the basic dynamic axial load rating for single row, single or double 

direction thrust roller bearings is given by 

C = fc . le7/9. Z3/4. D29/27 ... he  α = º  

= fc (le os α  7/9 ta  α. Z3/4. D29/27 ... he  α ≠ º  

 

Dynamic Equivalent Load for Rolling Contact Bearings 

The dynamic equivalent load may be defined as the constant stationary radial load (in case of radial ball or roller 

bearings) or axial load (in case of thrust ball or roller bearings) which, if applied to a bearing with rotating inner 

ring and stationary outer ring, would give the same life as that which the bearing will attain under the actual 

conditions of load and rotation. 

The dynamic equivalent radial load (W) for radial and angular contact bearings, except the filling slot types, 

under combined constant radial load (WR) and constant axial or thrust load (WA) is given by 

W = X. V. WR + Y. WA 

Where V = A rotation factor, 

= 1, for all types of bearings, when the inner race is rotating, 

= 1, for self-aligning bearings, when inner race is stationary, 

= 1.2, for all types of bearings except self-aligning, when inner race is stationary. 

 

Selection of ball and roller bearings: 

In order to select a most suitable ball bearing, first of all, the basic dynamic radial load is calculated. It is then 

multiplied by the service factor (KS) to get the design basic dynamic radial load capacity. The service factor for 

the ball bearings is shown in the following table. 

S. No. Type of service Service factor (KS) for radial ball bearings 

01. Uniform and steady load  1.0 

02. Light shock load 1.5 
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03. Moderate shock load 2.0 

04. Heavy shock load 2.5 

05. Extreme shock load 3.0 

 

Lubrication and sealing: 

The ball and roller bearings are lubricated for the following purposes: 

1. To reduce friction and wear between the sliding parts of the bearing, 

2. To prevent rusting or corrosion of the bearing surfaces, 

3. To protect the bearing surfaces from water, dirt etc., and 

4. To dissipate the heat. 

In general, oil or light grease is used for lubricating ball and roller bearings. Only pure mineral oil or a calcium-

base grease should be used. If there is a possibility of moisture contact, then potassium or sodium-base greases 

may be used. Another additional advantage of the grease is that it forms a seal to keep out dirt or any other 

foreign substance. It may be noted that too much oil or grease cause the temperature of the bearing to rise due 

to churning. The temperature should be kept below 90ºC and in no case, a bearing should operate above 150° 

C. 
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We hope you find these notes useful. 

You can get previous year question papers at  

https://qp.rgpvnotes.in . 

 

If you have any queries or you want to submit your 

study notes please write us at 

rgpvnotes.in@gmail.com 
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